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Abstract

Turbines, especially turbines supported in hydrodynamic bearings, often exhibit interesting oscillation effects, which
result from the bearing nonlinearities. In the present work, an automotive turbocharger rotor is investigated. The rotor of
the turbocharger examined here is supported in full-floating ring bearings, which give rise to complex system vibrations.
Frequency spectra of run-up measurements, carried out on a hot-gas turbocharger test rig, are presented. The occurring
nonlinear effects—self-excited vibrations, oil whirl/whip phenomena, subharmonics, superharmonics, combination
frequencies and jump phenomena—are explained in detail with the help of a gyroscopic eigenvalue analysis and by
run-up simulations with a multibody model of the rotor/bearing system. The influence of different operating conditions—
oil supply pressure, oil supply temperature and rotor imbalance—on the rotor oscillations and the system bifurcations
is studied.
© 2008 Elsevier Ltd. All rights reserved.

1. Introduction

Nonlinear vibrations play an important role in many technical applications. Sometimes, the system
nonlinearities are weak so that the system still behaves mainly linear. In many applications, however, the
system is dominated by nonlinear effects. In this case, it is not useful to linearize the system in order to
examine the system dynamics.

The mechanical system studied in this work, namely a turbocharger rotor supported in two full-floating ring
bearings, exhibit a highly nonlinear behavior. Often in rotor dynamics, the system can be linearized in order to
calculate the vibrations of the rotor as well as to analyze the stability of the rotor/bearing system [1-3]. For the
turbocharger investigated here, this is not suitable. As known from literature, high-speed turbines in full-
floating ring bearings perform—over a wide part of the rotor speed range—different types of limit cycles
oscillations, which are caused by oil whirl and oil whip instabilities generated by the inner and outer oil films of
the floating ring bearings [4-11].

Oil whirl and oil whip instabilities, inducing self-excited limit cycle oscillations in rotor systems, have been
thoroughly examined in literature. Analytical, numerical and experimental investigations on this subject can
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be found in Refs. [12-18]. An overview on nonlinear vibration effects, occurring in dynamical systems, is given
in Refs. [19-21].

In the current paper, run-up measurements of a turbocharger rotor supported in full-floating ring bearings
are presented. Crucial operating and system parameters are systematically varied in order to detect their
influence on the dynamics and especially on the bifurcation behavior of the system. The presented frequency
spectra and their explanation/interpretation may be valuable and helpful for both, interested readers in
nonlinear rotor dynamics and readers involved with bifurcation and stability theory. The measurements show
interesting vibration effects and phenomena, not reported in earlier publications on rotor systems with floating
ring bearings: In Measurement 3 and particularly in Measurement 6, for instance, we observed the astonishing
phenomenon of a limit cycle oscillation locking at a subsynchronous frequency. In Measurement 2, the state of
both rings (at rest or rotating) can be detected indirectly, since the frequency spectrum shows two different
limit cycle frequencies, resulting from the inner oil whirl of the compressor-sided and turbine-sided ring.
A main intention of the paper is to mechanically interpret the occurring nonlinear dynamical effects in order
to get a closer insight into the complex nonlinear oscillation behavior of such systems. The examined
turbocharger exhibits different bifurcations, self-excited vibrations, jump phenomena and locking effects.
These effects are mechanically investigated and explained in detail by means of a gyroscopic eigenfrequency
analysis of the turbocharger rotor and by run-up simulations with a multibody model of the rotor/bearing
system.

In Section 2 of the paper, the investigated turbocharger rotor is described and a gyroscopic eigenvalue
analysis is carried out for the rotor/bearing system, too. Test rig measurements are presented in Section 3. The
work is summarized in Section 4. A short recapitulation of the oil whirl and oil whip phenomena is given in
Appendix A for both, a Jeffcott rotor in plain hydrodynamic bearings and a Jeffcott rotor in full-floating ring
bearings. In addition, results of a turbocharger run-up simulation are shown and briefly discussed.

2. System description

Turbochargers are essential components in combustion engines. They are used in connection with diesel
and gasoline engines. The operating principle is quite easy (Fig. 1). The thermal energy of the exhaust gas
causes the turbine wheel to rotate. At the same time, the compressor wheel compresses ambient air for the
intake of the engine. The more air is compressed, the higher the amount of fuel/air mixture entering the
cylinder of the combustion engine is. In this work, a turbocharger of a medium-sized automobile diesel engine
is examined.

A schematic sketch of the turbocharger turbine is depicted in Fig. 2. The rotor consists of a flexible shaft, at
which the compressor and the turbine wheel are fixed. The rotor is supported in two identical full-floating ring
bearings. Note that the rotor always has some imbalance due to the manufacturing process.

Full-Floating
Ring Bearings

Compressor
Wheel

Rotor Shaft

Housing
(Fixed at Combustion Engine)

Fig. 1. Automotive Turbocharger.
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Fig. 2. Schematic sketch of the rotor/bearing system of a turbocharger.

Some data concerning the rotor design and the operating conditions are listed below:

Rotor length [~ 100 mm

Rotor mass (including wheels) m=0.1kg

Ring inner/outer diameter D;~6.0mm/D,~9.5mm
Ring inner/outer width B;~3.6mm/B,~ 6.1 mm
Nominal (estimated) imbalance at turbine/compressor wheel Ur~0.1 gmm/Uc~0.05gmm
Considered rotor speed range 0< WRotor < 162000 rev/min
Oil viscosity (at 20 °C) n~0.17 Ns/m?

Oil supply pressure Psup (18 varied, see below)

Oil supply temperature T (is varied, see below)

The maximum operating speed of the examined turbocharger is ®gotor.max =200 000 rev/min. In operation,
i.e., during a car drive, the oil supply pressure may fluctuate between py,p min= 0.8 bar and psup max~ 4.0 bar;
the mean oil supply temperature is Tgyp mean 90 °C. In the measurements presented in Section 3, the oil
supply pressure pg,, and the oil supply temperature 7T,, have been changed. Also, in some test runs an
artificial imbalance Uc additional has been fixed at the compressor wheel. pg,, and T, have been varied in
Measurements 1-4 according to realistic parameter changes occurring during the operation (car drive). The
imbalance of turbochargers is often unknown or may (significantly) change during operation. In order to get
an idea of the sensitivity of imbalance chances, the nominal imbalance has been increased in two steps by
applying an artificial imbalance (Uc aqditiona = 0.25 gmm and Uc aqditional = 0.57 gmm) at the compressor
wheel.

To get a closer insight into the dynamic effects and in order to interpret the measured rotor vibrations, it is
useful to have some information about the approximate natural frequencies and natural mode shapes of the
turbocharger. For this reason, a linear model of the rotor/bearing system has been created in order to perform
a gyroscopic eigenfrequency analysis. The flexible rotor (consisting of rotor shaft, compressor and turbine
wheel) shows approximately a linear elastic behavior. The point is to linearize the floating ring bearings, which
have a highly nonlinear characteristic. To keep the calculation concise, each floating ring bearing is just
replaced by two linear springs (assumed constant spring stiffness ¢, = ¢, = 1000 N/mm) acting in the x- and in
y-direction. Damping effects have not been considered in the eigenvalue calculation.

A gyroscopic eigenvalue analysis for the turbocharger rotor shows the following results:

e The first two natural modes are (almost) rigid body conical modes (elastic shaft bending is small): the first
mode is the gyroscopic conical reverse mode; the second mode is the corresponding gyroscopic conical
forward mode.

e The third and fourth natural modes are approximately rigid body translational modes (elastic shaft bending
is little larger compared with the conical modes): the third mode is the gyroscopic translational reverse mode;
the fourth mode is the corresponding gyroscopic translational forward mode.
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e The fifth mode is the first torsional mode, which is not affected by gyroscopic effects.

® The sixth and seventh natural modes are elastic bending modes: the sixth mode is the gyroscopic bending
reverse mode; the seventh mode is the corresponding gyroscopic bending forward mode.

o All modes—with the exception of the torsional mode—are spherical modes.

The gyroscopic natural frequencies of the turbine at a rotor speed of 135000 rev/min are:

Mode 1 (conical reverse) 150 Hz
Mode 2 (conical forward) 320 Hz
Mode 3 (translational reverse) 550 Hz
Mode 4 (translational forward) 620 Hz
Mode 5 (torsional) 1910 Hz
Mode 6 (bending reverse) 1500 Hz
Mode 7 (bending forward) 2840 Hz

The mode shapes of the first seven gyroscopic natural modes are depicted in Fig. 3. The development of the
eigenfrequencies of these seven modes with increasing rotor speed is shown in Fig. 4.

(a) Gyroscopic Conical Mode (reverse) (b) Gyroscopic Conical Mode (forward)
’
Oroior™

(c) Gyroscopic Translational Mode (reverse) (d) Gyroscopic Translational Mode (forward)
9 -~
WRotor

Torsional Mode

‘<t
MRotor

S
e
z

(f)  Gyroscopic Bending Mode (reverse) (9) Gyroscopic Bending Mode (forward)

Fig. 3. Gyroscopic mode shapes of the turbocharger rotor in linear bearings for a rotor speed of Wgreor = 135000 rev/min: (a)—(g)
gyroscopic reverse (backward) and forward mode shapes.
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Fig. 4. Gyroscopic natural frequencies of the turbocharger rotor in linear bearings over the rotor speed.

3. Run-up measurements

In this section, test results of turbocharger run-ups are presented and discussed. The measurements were
carried out on a hot-gas turbocharger test rig. The horizontal and vertical vibrations (x- and y-displacement) of
the compressor-sided shaft extension (green measurement point in Fig. 2) were measured with eddy current
sensors. The set-up of the hot-gas test rig is depicted in Fig. 5. The turbine wheel is driven by hot gas (inlet
temperature 7 jne & 90 °C, inlet pressure prine~ 3.5 bar, outlet temperature Tt ouner = 5 °C, outlet pressure
PT.outlet = 1.1 bar, mass flow gr~0.18 kg/s). The compressor wheel compresses ambient air (inlet temperature
Tcinet=22°C, inlet pressure pcinet=0.95bar, outlet temperature 7T¢ ouuee~130°C, outlet pressure
Dcoutlet ©2.1bar, mass flow ¢c~0.13kg/s). The measurements start at a rotor speed of 0 rev/min. To
accelerate the rotor up to the top speed of &~ 162000 rev/min, the hot-gas flow at the turbine is continuously
increased.

Six test runs with different operating conditions have been carried out. The oil supply pressure pg,, as well
as the oil supply temperature 7Ty,, were changed. Furthermore, an additional imbalance Uc ,qditional has been
fixed at the compressor wheel. The operating conditions for the six run-up measurements are summarized in
Table 1. The time series signals of the measured lateral vibrations (x,y-displacement) of the measurement point
have been prepared by a fast Fourier analysis (FFT). The corresponding frequency spectra are depicted in
Figs. 6-11. The system response is dominated by four main frequencies:

(1) The Synchronous (due to rotor imbalance),
(i1) The 1. Subsynchronous (oil whirl/whip of the inner oil films excites the gyroscopic conical forward mode),
(ii1) The 2. Subsynchronous (oil whirl/whip of the inner oil films excites the gyroscopic translational forward
mode),
(iv) The 3. Subsynchronous (oil whirl/whip of the outer oil films excites the gyroscopic conical forward mode).

The other frequencies observed in the frequency spectra are superharmonics, subharmonics and combination
frequencies of the four main frequencies. Fig. 12 shows again the frequency spectrum for Measurement 2
(Fig. 7(a)) and explains in detail the occurring frequencies. It means:

® Syn = Synchronous,

® Subl = 1. Subsynchronous,
® Sub2 = 2. Subsynchronous,
® Sub3 = 3. Subsynchronous.
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Fig. 5. Set-up of hot-gas turbocharger test rig.

Table 1
Operating conditions for run-up measurements.
Psup (bar) Tsup O Uc additional (g mm)
Measurement 1 3 75 -
Measurement 2 1.5 75 -
Measurement 3 3 90 -
Measurement 4 1.5 90 -
Measurement 5 3 75 0.25

Measurement 6 3 75 0.57
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Fig. 6. Frequency spectra of Measurement 1; pg,, = 3 bar; Ty,, = 75°C; (a) x-displacement; (b) y-displacement.

961



962 B. Schweizer, M. Sievert | Journal of Sound and Vibration 321 (2009) 955-975

(a)

3000

2500
)
= 2000 log,, (A/A,,)
oy -3.6
c
g
g 1500 -4.6
('
5.6
1000
6.6
7.6
500
8.6
0 -9.6
(b)
3000
2500
w
I
= 2000
>
(%]
c
[]
=
g 1500
('8
1000
500

: i (o}
2 4 6 8 10 12 14
Rotor Speed [1/min] x104

Fig. 7. Frequency spectra of Measurement 2; pg,, = 1.5bar; Ty, = 75°C; (a) x-displacement; (b) y-displacement.
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Fig. 9. Frequency spectra of Measurement 4; pg,, = 1.5 bar; Ty, = 90 °C; (a) x-displacement; (b) y-displacement.
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Turbocharger run-up simulations (see Appendix A.3) “prove” the claims (ii)—(iv), namely that—very roughly
speaking—the inner and outer oil whirl/whip can be considered as “externally applied motions”, exciting the
rotor with the corresponding whirl/whip frequency. It depends on the actual whirl/whip frequency, which
natural mode is excited. The inner fluid films usually become unstable already at low rotor speeds, first exciting
the gyroscopic conical forward mode and later the gyroscopic translational forward mode. At higher rotor
speeds, the outer fluid films may also become unstable (possibly simultancously with the inner oil films) and
excite the gyroscopic conical forward mode. The simultaneous occurrence of the inner and outer whirl/whip can
clearly be seen in Figs. 7 and 9.

The mode shapes calculated in Section 2 were accomplished, assuming a constant bearing stiffness
(cx = ¢, = 1000 N/mm) over the whole speed range (see Fig. 4). Since the characteristic of the floating ring
bearings is highly nonlinear and changes with increasing rotor speed, the calculated gyroscopic
eigenfrequencies in Fig. 4 may be considered qualitatively rather than quantitatively. We also neglected
damping in the eigenvalue analyses (if damping is moderate, the mode shapes and natural frequencies are
only slightly influenced by damping). Note that the damping behavior of the fluid films also changes
with increasing rotor speed. Despite the simplifications and assumptions used for the eigenvalue analysis,
the measured and simulated subsynchronous frequencies (I., 2. and 3. Subsynchronous) can clearly be
related to the calculated gyroscopic natural modes (Figs. 3 and 4), which are excited by the inner and outer oil
whirl/whip.

Next, the measured frequency spectra are discussed and interpreted, see Figs. 6-12. It should be stressed
that we used a logarithmic scale for the normalized vibration amplitudes. We apologize for not supplying the
reference amplitude A ..

Measurement 1 (Fig. 6): Frequency spectra of the x- and y-displacement of the measurement point are
shown in Fig. 6. Both plots are very similar.

® Up to Wrotor~ 1.3E4[1/min], the rotor performs stable imbalance vibrations around a stable equilibrium
position. The dominating frequency is the imbalance vibration (Synchronous). Also, some superharmonic
frequencies (2 x Synchronous, 3 x Synchronous, etc.) are observed.

® At WRrotor~ 1.3E4[1/min], the inner fluid films become unstable and excite the gyroscopic conical forward
mode (1. Subsynchronous). In the range =~ 1.3E4[1/min]<mroior < & 5.7E4[1/min], the transition from oil
whirl to oil whip takes place (see also Appendix A.l). Provided that the ring rotates, the nominal whir/
frequency of the inner oil film is approximately given by ®gub_inominal = 0.5 - (Orotor T ®Ring)- One detects
that the ratio ®Wgup1/Wsub_inominal SUCcessively decreases with increasing rotor speed, which indicates the
transition from oil whirl to oil whip.

® At WRrotor & 5.7E4[1/min], a jump phenomenon is observed. The inner fluid films remain unstable, but the oi/
whirl/whip of the inner fluid films now excites the gyroscopic translational forward mode. This frequency is
called 2. Subsynchronous and remains up to the maximum rotor speed. Again, one can clearly detect the
transition from oil whirl to oil whip.

® The 3. Subsynchronous (oil whirl/whip of unstable outer fluid films excites the gyroscopic conical forward
mode) only slightly occurs in the frequency spectrum (see spectrum in the range ~8E4[l/min]<
WRotor < ~ 10E4[1/min]).

Measurement 2 (Fig. 7): In contrast to Measurement 1, the oil supply pressure pg,, is reduced from 3 to
1.5 bar. In comparison to Measurement 1, one observes that the onset of 1. Subsynchronous and especially the
onset of 2. Subsynchronous occurs earlier in the frequency spectrum. Furthermore, the spectrum clearly shows
the 3. Subsynchronous.

Measurement 3 (Fig. 8): Compared to Measurement 1, the oil supply temperature 7§,y is increased from 75
to 90 °C. In comparison to Measurement 1, one detects that the 2. Subsynchronous is passed through so that at
higher rotor speeds the rotor (the fluid films) becomes stable again and only performs imbalance vibrations
around a stable equilibrium position.
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Measurement 4 (Fig. 9): In contrast to Measurement 1, the oil supply pressure ps,, is reduced from 3 to
1.5 bar and the oil supply temperature Ty, is increased from 75 to 90 °C. In comparison with Measurement 2,
the jump from the /. Subsynchronous to the 2. Subsynchronous (3. Subsynchronous) occurs earlier. Also, the
2. Subsynchronous is even faster passed through than in Measurement 3.

Measurement 5 (Fig. 10): Compared to Measurement 1, an additional imbalance of Uc ,dditional = 0.25 gmm
is fixed at the compressor wheel. The spectrum is very similar to Measurement 1. One difference is that the
2. Subsynchronous is passed through. As expected, the amplitude of the Synchronous is larger.

Measurement 6 (Fig. 11): In comparison with Measurement 1, an additional imbalance of Uc aqditional =
0.57 gmm is fixed at the compressor wheel. Compared to Measurement 5, the amplitude of the Synchronous is
further increased. The spectrum shows two interesting effects.

In the speed range ~4.4E4[1/min] < Wrotor < & 5.8E4[1/min], the system becomes intermittently stable. The
reason for the intermittent stabilization is most likely that the increased imbalance entails higher bearing
forces, which stabilizes the rotor (a similar effect for a rotor supported in single oil film bearings is, e.g.,
reported in Ref. [15]).

A remarkable effect can further be observed in the speed range = 5.8E4[1/min]< wroior < & 8.4E4[1/min],
where the spectrum exhibits a subsynchronous frequency of exactly 1/2 - wroior With large amplitude. The
1/2 - wrotor frequency may be explained as follows: Due to system nonlinearities, primarily introduced
by the bearings, the system is generally able to generate ‘“‘conventional” supersynchronous frequencies
- WRrowr (m=1,2,3,...) and subsynchronous frequencies m - wroor (M = 1/2, 1/3, 1/4,...), see for instance
Refs. [19,21]. At WRrotor ~ 5.8E4[1/min], the inner fluid films become unstable again (intermittent stabilization
is finished). At this point, the corresponding oil whirl/whip frequency is obviously close to the subsynchronous
1/2 - wrotor and the oil whirl/whip frequency locks at 1/2-wgrotor- The frequency locking remains up to
WRotor & 8.4E4[1/min]. Hence, we observe the astonishing phenomenon that a limit cycle (inner oil whirl/whip)
is locking at a subsynchronous frequency (1/2 - wreor)- Note that the above described locking (synchroniza-
tion) effect is also detected in Measurement 3 (Fig. 8) in the range =~ 7.4E4[1/min] < wgroior < ~ 7.8E4[1/min].
Locking phenomena in connection with self-excited systems, which are externally excited, are
well-known in literature. For instance, the externally excited Van-der-Pol oscillator exhibits frequency
locking [19].
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Fig. 13 shows a detail of Fig. 12 and illustrates the different times, where the two rings start to rotate. Starting
the run-up with zero rotor speed (Wroor = 0), it is known from test runs, where ring speeds have been directly
measured, that the floating rings usually do not rotate at low rotor speeds due to dry friction between ring and
housing. If the friction torque in the inner oil film is large enough, the ring starts to rotate. It is also known from
direct ring measurements that if the ring once rotates, it will normally not come to rest again, when the rotor
speed is steadily increased. For wgretor<~ 1.0E4[l/min], the rotor only performs imbalance vibrations
(Synchronous). At wroor~ 1.0E4[1/min], both inner fluid films (compressor-sided and turbine-sided) become
unstable and the 1. Subsynchronous appears. The whirl frequency is ~0.5 - WRretor- Note: The nominal inner oi/
whirl frequency is 0.5 - WRrotor fOr the case that the ring does not rotate and x0.5 - (Orotor T ®ring) for the case
that the ring does rotate [10,26]. Hence, up to wretorx 1.4E4[1/min] neither the compressor-sided nor the
turbine-sided ring rotates. At Wgroor x 1.4E4[{1/min], the first ring starts to rotate so that one ring is at rest and
the other ring rotates. As a consequence, one observes two whirl frequencies: The inner fluid film of the bearing,
where the ring rotates, generates a whirl frequency of ~0.5: (Wrotor T ®Ring), While the inner fluid film of the
bearing, where the ring does not rotate, generates a whirl frequency of ~0.5- Wrotor- At WRotor X 1.9E4[1/min],
the second ring also starts to rotate and one observes only one whirl with a frequency of X 0.5 - (WRotor T WRing)-
In Measurement 2, the two rings start to rotate at different times. This is not mandatory: In Measurement 5, for
instance, both rings start to rotate simultaneously.

3D waterfall diagrams for the Measurements 1, 2, 5, 6 (y-displacement of measuring point) can be seen in
Figs. 14-17. In addition to the 2D spectra, the 3D waterfall diagrams also contain the time information. As
can be seen, the run-ups are performed in Az~ 15s (speed increase is not uniform). Please note that—in
contrast to the 2D spectra—a linear scale has been used. Again, we apologize for not providing the reference
amplitude A, It should be mentioned that amplitudes 4<0.025 - A.f have been cutoff in the 3D plots so that
the plots only show the main frequencies (Syn, Subl, Sub2 and Sub3).

Remark about the measured oil outlet temperatures: The measured mean oil outlet temperature (mixing
temperature of both floating ring bearings and the axial bearing) was T~ 90 °C for the case Ty,,~75°C. It
should be mentioned that T, only increased slightly during the run-up measurement: 7, ~88°C at the
beginning of the run-up and 7,,,~92 °C at the end of the run-up. In the case of higher oil supply temperature
T, =90 °C, the mean oil outlet temperature was T,,,~ 108 °C (the outlet temperature also changed only
slightly during the run-up).

4. Conclusions

Measured rotor vibrations of an automotive turbocharger rotor were presented and the occurring dynamic
effects explained. The main excited natural modes of the rotor/bearing system are the gyroscopic conical
forward mode and the gyroscopic translational forward mode, both almost rigid body modes with slight
bending. The measurements show that the system exhibits four main frequencies. The first main frequency is
the synchronous vibration (Synchronous) due to rotor imbalance. The second dominating frequency is
generated by the oil whirl/whip of the inner fluid films, which excite the gyroscopic conical forward mode
(1. Subsynchronous). The third main frequency is also caused by the oil whirl/whip of the inner films, which
now excite the gyroscopic translational forward mode (2. Subsynchronous). The fourth main frequency is
generated by the oil whirl/whip of the outer fluid films, which excite the gyroscopic conical forward mode
(3. Subsynchronous). Superharmonics, subharmonics and combination frequencies—created by the four main
frequencies—generate the other frequencies, which can be seen in the frequency spectra.

The influence of different operating conditions on the rotor vibrations was examined. Decreasing the oil
supply pressure favors the occurrence of the 3. Subsynchronous. Also, the jump from the 1. Subsynchronous
into the 2. Subsynchronous (3. Subsynchronous) takes place at lower rotor speeds. Increasing the oil supply
temperature slightly favors the occurrence of the 3. Subsynchronous.
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Appendix A

In a wide speed range, the dynamics of turbocharger rotors in full-floating ring bearings is dominated by oil
whirl/whip phenomena occurring in the inner and outer fluid films of the floating ring bearings. Oil whirl/whip
phenomena are self-excited vibrations, induced by the fluid flow in the bearing gap. The mechanical causes for
self-excited vibrations are different [19-21]:

o Friction-induced self-excited vibrations.

o Seclf-excited vibrations due to negative damping (e.g., Van-der-Pol oscillator).
e Flow-induced self-excited vibrations (e.g., flutter instability).

® ctc.

In the case of hydrodynamic bearings, the self-excited vibrations are caused by circulatory forces generated by
the bearings. Linearizing a rotor/bearing system about a (stable) equilibrium position, one obtains the well-
known linear equations of motion M.q+(D+G)-q+(K+N)-q =1f where M is the mass matrix, D the
symmetric damping matrix, G the skew-symmetric gyroscopic matrix, K the symmetric stiffness matrix and N
the skew-symmetric circulatory matrix. Note that the N-matrix is generated by the hydrodynamic bearings
[1-3]. q denotes the generalized coordinates of the rotor/bearing system, collecting rigid body as well as elastic
deformation coordinates [22]. f terms the force vector. The matrices depend on system and operating
parameters, especially on the rotor speed wgrotor- If WRrotor 18 continuously increased, the system may become
unstable, because the N-matrix more and more dominates the system dynamics with increasing rotor speed. If
WRotor reaches the threshold of instability sy, the system becomes unstable and reaches the oil whirl/whip
region.
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Fig. 18. Run-up simulation of a Jeffcott rotor symmetrically supported in plain hydrodynamic bearings; (a) frequency spectrum of rotor
y-displacement; (b) relative bearing eccentricity.
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A.1. Run-up simulation of a Jeffcott rotor in plain hydrodynamic bearings

We consider a Jeffcott rotor (mass: myefreorr = 0.1kg; bending stiffness: cgpae = 10000 N/mm; rotor
imbalance: Ujefreorr = 0.4 gmm) symmetrically supported in two plain hydrodynamic journal bearings
(bearing diameter: D = 6.0mm; bearing width: B = 3.6 mm; relative bearing clearance: ¢ = 3.8E—3; oil
viscosity: n = 1E—2 Ns/m?). External damping and internal shaft damping is assumed to be small. Fig. 18
depicts the frequency spectrum of the rotor vibrations for a run-up simulation, where rotor speed is linearly
increased from 0 up to 4000 Hz in 10 000 ms. For < = 5500 ms, rotor amplitudes and bearing eccentricities are
comparatively small, except near resonance at ¢ ~3400ms. At 1~ 5500 ms, the rotor becomes completely
unstable and reaches the oil whirl region, where the subsynchronous frequency (oil whirl frequency, half
frequency whirl) locks at x~0.5- wgreor. Further increasing rotor speed, the rotor amplitudes continuously
increase. At r~7900ms, the rotor reaches the oil whip region, where the whirl frequency locks at the
eigenfrequency of the rotor. The oil whip brings the rotor into resonance, so that large rotor amplitudes are
observed. For a further discussion on the bifurcation behavior of rotors in hydrodynamic journal bearings, see
for instance Refs. [23-25].

A.2. Run-up simulation of a Jeffcott rotor in full-floating ring bearings

Next, we consider a Jeffcott rotor (mass myepeore = 0.1 kg; bending stiffness cgpare = 3000 N/mm; rotor
imbalance Ujefreorr = 0.2 gmm), symmetrically supported in two full-floating ring bearings (inner/outer
bearing diameter: D; = 6.0 mm/D, = 9.5 mm; inner/outer bearing width: B; = 3.6 mm/B, = 6.1 mm; inner/
outer relative bearing clearance: ; = 3.8E—3/y, = 6.7E—3; inner/outer oil viscosity: 7;20.01 Ns/m?/
1o~0.015 Ns/m?). The frequency spectrum of the rotor amplitudes is shown in Fig. 19 (run-up simulation
from 0—4000 Hz in 10 000 ms). For ¢ < =~ 1800 ms, the rotor is stable and performs imbalance vibrations around
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Fig. 19. Run-up simulation of a Jeffcott rotor symmetrically supported in full-floating ring bearings; (a) frequency spectrum of rotor
y-displacement; (b) inner and outer relative bearing eccentricities; (c) rotor and ring speed.
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a stable equilibrium position. At t~1800ms, the rotor becomes unstable and reaches a stable limit cycle.
The simulation shows that the bifurcation is induced by the inner oil films (large increase of the inner relative
bearing eccentricity ¢;). Hence, the subsynchronous frequency is generated by the inner oil whirl/whip. Note
that because of the damping effect of the outer fluid films, the inner bearing eccentricities ¢ remain well below 1.
Moreover, due to the damping of the outer fluid films, the inner oil whirl/whip can be passed through and the
system becomes stable again at r~4500ms. The rotor remains stable up to ~ 7300 ms, where the outer fluid
films get unstable (the simulation shows a large increase of the outer relative bearing eccentricity ¢,). The outer
oil whirl/whip gives rise to a stable limit cycle oscillation; the amplitudes remain moderate, since the outer oi/
whirl is damped due to the inner fluid films.

A.3. Run-up simulation of a turbocharger in full-floating ring bearings

Finally, we present a run-up simulation carried out with a flexible multibody model of the examined
turbocharger of Section 2. The rotor speed is steadily increased up to 2700 Hz. A frequency spectrum of the
y-displacement of the measurement point (see Fig. 2) is depicted in Fig. 20, which also shows the inner and
outer relative bearing eccentricities of the compressor-sided (ec_;, éc o) and turbine-sided (et_j, é1 o) ring. As
can clearly be seen, the /. Subsynchronous is induced by the inner fluid films (significant increase in ¢c_; and
et_j)- The simulations further show that the inner oil whirl excites the gyroscopic conical forward mode. The
2. Subsynchronous is also related to the oil whirl of the inner fluid films, which now excite the gyroscopic
translational forward mode. The simulated bifurcation sequence correlates with Measurement 5. Please note
that in the computer model no mixed friction approach has been implemented. Therefore, the simulation does
not show the start of ring rotation according to Fig. 13.

Further simulations with different system and operating parameters also exhibit the 3. Subsynchronous.
These simulations clearly show that the 3. Subsynchronous is induced by the outer oil whirl/whip, which excites
the gyroscopic conical forward mode.
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Fig. 20. Run-up simulation of the turbocharger; (a) frequency spectrum of y-displacement of measurement point; (b), (c) inner and outer
relative bearing eccentricities of the compressor-sided and turbine-sided ring.
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